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ABSTRACT

This paper presents an approach to determine the stability
of the rotor in herringbone groove gas journal bearings
(HGGJB) based on nonlinear transient analysis. The approach
considers rotating (on a rotor) or stationary (on a bearing shell)
grooves. The bearing gas film model is described by the Reynolds
equations. The finite element (FE) method has been applied to
obtain an accurate solution for the HGGJB design. The rotor
model is discretized with Timoshenko beam finite elements.

A study on the stability of a rotary machine supported by
HGGJBs is performed to investigate threshold rotating speeds
for the cases of stationary and rotating grooves applying a
nonlinear transient analysis procedure. As a result, the influence
of rotating grooves on system stability improvement has been
investigated. Additionally, the correspondence of the calculated
results to the experimental data available in publications and the
nonlinear effects presented on Waterfall plots are also discussed
in the article.

The presented method is an extension of previously
developed techniques that engineers can use for design and
calculation purposes. The nonlinear approach allows accurate
simulation of coupled rotor-HGGJB systems and has no
limitation for designs with a small number of grooves, as the FE
method is used for bearings discretization. The method allows
the physical effects of rotating/stationary grooves to be
accounted for.

Keywords: herringbone grooved bearing; rotating groove;
stationary groove; nonlinear rotor dynamics; stability

1. INTRODUCTION

During the middle of the 20" century, inclined groove
patterns were suggested to increase self-acting bearings’
pumping capabilities and stability[1]. Building on this concept,
herringbone groove gas journal bearings (HGGJBs) have been
gaining popularity as supports for lightweight rotors.
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A mathematical apparatus has even been developed in recent
decades to predict the operation of rotors installed in these
bearings. The performance of a gas-lubricated bearing can be
described by characteristics such as load capacity, minimal gas
film thickness, friction power losses, and flow rate. Stiffness and
damping coefficients of the bearing are required for the rotor-
bearing system dynamics analysis. These performance
characteristics are calculated based on the pressure distribution
in the gas film, which is determined as a result of the solution of
the Reynolds equation. To solve the Reynolds equation, a 2"-
order nonlinear differential equation, the discretization of the
fluid domain must be done, and an appropriate grid is required
to describe a herringbone groove geometry precisely. Several
discretization methods have been developed to solve the
Reynolds equation, such as narrow groove theory (NGT), finite
difference method (FDM), finite element methods (FEM), and
others.

Early paper studies considering the dynamics of rotors in
HGGIJBs began to emerge in the middle of the 20" century. The
2D NGT suggested in [2] for dense herringbone patterns could
model HGGJBs in a wide operational and parametric range.
According to the NGT, the effect of groove number on the
bearing characteristics is neglected, and the pressure over the
grooves and ridges in the circumferential direction is
approximated using linear functions. Many researchers
confirmed the approach's effectiveness and accuracy [3.,4].
Particularly, the theoretical study [5] where the comparison
between NGT, FDM, and CFD was performed also reports a
small influence of a finite number of grooves when the number
of grooves is comparatively high. However, the NGT has a
limitation for designs with a small number of grooves which cuts
a significant number of designs as a smaller number of grooves
is desirable to reduce manufacturing cost. Bonneau and Absi [6]
showed that NGT substantially differs from the load
performance of bearings with less than 16 grooves.
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The applications of finite difference and finite element
methods for HGGJB were extensively developed during the
second half of the 20" century to discretize the gas film domain
in herringbone groove journal bearings [6,7]. Zirkelback and San
Andres [7] applied the finite element method to predict the load
and dynamic force coefficients of an HGGJB more accurately
and reported a significant improvement over the NGT, especially
at high journal eccentricities. Thus, the finite element method
gained popularity in this application since it provided the
possibility of accurate representation of bearing grooves and
lands by inclined finite elements, which can be an advantage for
HGGJB designs with a relatively small number of grooves or
high journal eccentricities.

Another essential factor is rotor stability which was studied
using the linear and nonlinear rotor dynamics models
considering stationary and rotating grooves [8—13]. Such studies
show that consideration of the rotating domain is crucial as it
influences performance parameters and improves the stability of
the system [13].

Experimental studies for rotors in herringbone groove
journal bearings to ensure HGGJB load capacity, rotor-bearing
system stability, and to check the limitations of theoretical results
in a wide range of parameters have been performed in [14,15].

More comprehensive investigations took place in HGGJB
design. Many studies searched for the optimum bearing
parameters [4,13,16], especially in herringbone groove patterns
[17,18].

Herringbone groove gas journal bearings have several
advantages compared to other types of bearings. They do not
require an oil lubrication system compared to hydrodynamic [19]
and hydrostatic journal bearings [20]. If properly designed,
HGGIJBs are not exposed to wear, as with rolling element
bearings [21]. Finally, HGGJBs do not require a complex
electrical hardware and control system in contrast with active
magnetic bearings [22,23].

Therefore, herringbone groove bearing investigations are
split in many directions, especially in the field of nonlinear
dynamics of the rotor installed in these bearings. Although the
difference in nonlinear rotor response in the case of the grooved
rotor and grooved journal is insufficiently described in the
literature, a detailed comparison of these cases still benefits our
understanding of the behavior of genuine rotors in HGGJBs.

The approach for rotor-HGGJB system nonlinear analysis
has been developed in the current article. The advantage of the
approach is a combination of the finite element method and the
option for rotating/stationary groove considerations.

The FE method has no limitations related to the designs
(density of groove patterns) of HGGJBs and is currently the most
accurate way for continuous system discretization. Whereas
consideration of rotating/stationary grooves is necessary to
simulate the physics of the rotor-HGGJB system, the performed
study presented in the article and comparison with experimental
data confirms the significant influence of rotating/stationary
grooves on the stability of the system.

2. ANALYSIS METHOD DESCRIPTION

The compressible Reynolds equations in polar coordinates
for the modeling of gas herringbone grooved bearings have the
following form [24]:
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where z, 6, t are axial, circumferential, and time variables; p, h
are the pressure and thickness of the gas film; u« is the gas
viscosity; u = QR is the sliding velocity of the rotating surface;
Q is the rotor angular velocity; R is the bearing radius.

The viscosity of gases varies little with pressure [25] and is
considered constant throughout the bearing:

U = uo = constant (2)

The perfect gas model is considered:

= RT €)

I

where p is the gas density; R is the gas constant (universal gas
constant/molecular weight; T is the gas temperature.

The isothermal model is used since gas bearings normally
operate isothermally [25], which means the following:

% = constant 4)

The film thickness is expressed in the form:

h=c;+c+ecos(6d —P),
e

e= /e,% + e, ® = arctan (e_y) ()
X

where cq is groove depth in the groove region or zero in the ridge
region; c is the bearing clearance; e, ® are the eccentricity and
the attitude angle; ey, ey are the eccentricity components in the x
and y directions.

Depending on whether the grooves are stationary or rotating
(in other words, if the grooves are on the journal or the shaft),
the proper direction and sign of the circumferential coordinate
are specified for the model.

The rotor dynamics transient response is simulated based on
a complete system of dynamic equations of the elasticity theory
with a Timoshenko beam assumption discretized by the finite
element method in the fixed coordinate system [26]:

[MI{w(©)} + ([CT + 2[EDHW (O} + [KIw (D)} = {Fexe}  (6)

where {w(t)}" = {X(¢),Y(t)}" is the nodal displacement
vector; [M], [C], [G], [K] are global mass, damping, gyroscopic,

2 © 2023 by ASME



and stiffness matrices; {F,,.}7 = {Fx, Fy}Tis the external force
vector.

The coupled nonlinear system describing the gas film
domain in the HGGBs, transient response of the rotor, and
interconnection of the forces generated in the bearing film and
journal center displacement due to transient rotor vibrations are:
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The boundary conditions for the nonlinear system in the gas
film domain at all boundaries are:

po = 101.325 kPa. (8)

The time integration of the system is based on Newmark’s
algorithm [26].

3. CASE DESCRIPTION AND SIMULATION MODEL
3.1 Case Description

The considered case of the rotor installed in the herringbone
groove journal bearings involves the radial anode off-gas
recirculation fan for solid oxide fuel cell systems [27]. The
operation of a machine of this type was theoretically and
experimentally proven for lubrication of the herringbone groove
journal bearings by the air [28] and the vapor [29]. The scheme
of the machine is presented in Fig. 1. The arrow in Fig. 1
indicates rotating direction.

| |
Front Rear
Fan . .
bearing bearing

FIGURE 1: ROTOR-HGGJB SYSTEM SCHEME

This machine’s nonlinear rotor dynamics was studied
comprehensively by several theoretical [30] and experimental
investigations [31]. The device is well-described and tested;

therefore, it is a sound basis for further exploration in the
theoretical field.

Previous studies were performed for the grooved rotor
(rotating grooves), but the question of the influence of the groove
location either on the rotor or on the journal is still present. Such
a study can be performed by applying the FE approach, whereas
many authors use narrow groove theory to describe the behavior
of herringbone groove bearings.

The current paper studies the rotating vs. stationary grooves
phenomenon. It provides a comprehensive comparison of the
nonlinear response of the considered rotor in the herringbone
groove gas journal bearings with stationary and rotating grooves
in terms of their influence on the rotor stability and the rotor
motion for different rotational speeds applying detailed
simulation of bearings geometry by finite element method.

3.2 Bearing Model

The general approach to bearing modeling is similar to the
one described for oil hydrodynamic and hydrostatic bearings
[19,20]. The motion of the bearing center is considered in the X
and Y coordinates (shown in Fig. 2) referring to the rotor
coordinate system, and the Z coordinate coincides with the
undeformed rotor axis.

FIGURE 2: BEARING SCHEME AND NOTATION

The Reynolds equations are solved in the circumferential
coordinate system with the same axial coordinate Z, averaging
by the radial coordinate and with the circumferential coordinate
¢ starting from the positive X direction, as shown in Fig. 2 (the
rotor rotation is counterclockwise).

In contrast to hydrodynamic and hydrostatic bearings, the
ideal gas model is used for herringbone groove gas journal
bearing modeling. Half of the bearing in the axial direction is
considered, and the rest is modeled in symmetric conditions. The
bearing fluid film is discretized by finite elements (FE).

The main bearing parameters are taken from the paper [30]
and shown in Table 1.
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TABLE 1: BEARING PARAMETERS
Parameter Value Units

Bearing length 8 mm
Bearing diameter 8 mm
Bearing clearance 8 pm
Groove depth 8 pm
Groove length 4 mm
Groove width 14.625 deg
Groove inclination to the axial line 56.2 deg
Groove count 16 -
Air temperature (average) 220 °C

FE number in the circumferential direction 64 -
FE number in the axial direction 10 -

The table shows that the ratio of the bearing radial clearance
to the bearing diameter C,/D is 0.001. This value is higher than
the values available in the classic literature for HGGJBs. For
example, the experimental work [15] considers the rotor
configurations with the C/D ratios from 0.00021 to 0.00042.
Such values are typical for gas bearings with herringbone
grooves, although smaller values like 0.0001 are also possible.
The fact that the bearing provides the rotor with sufficient
characteristics with the ratio C,/D = 0.001 indicates the optimal
pattern of herringbone grooves, which generate the required
parameters with this ratio being twice as high as the early
investigations of HGGJBs [15].

The finite element mesh shown in Fig. 3 was checked to
deliver the best acceptable accuracy keeping a reasonable
calculation time. The 64 finite elements were selected in the
circumferential direction (four elements for each groove-land
region: one element modeling the land, one element modeling
the maximal groove depth, and two narrow elements with 0.1 of
the groove width modeling the clearance change between the
land and the groove). The ten finite elements were specified for
discretizing half of the bearing in the axial direction.
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FIGURE 3: UNWRAPED VIEW OF BEARING GEOMETRY (A)
AND FINITE-ELEMENT MESH (B)

The finite element mesh convergence studies were
performed for steady-state bearing operation. The criteria for the
number of finite elements were as follows: the difference
between the calculated results (minimal film thickness, maximal
pressure, and flow) for a mesh twice as fine and the current mesh
must be less than 2%. This allowed the selection of optimal
parameters for the FE grid that provide sufficient accuracy. The
distributions of these parameters for one of the considered cases
are shown in Fig. 4. The pressure distribution was also observed
visually to check the smoothness of the generated field (Fig. 5).
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FIGURE 4: HYDRODYNAMIC PARAMETERS
DISTRIBUTIONS FOR THE FRONT BEARING WITH
STATIONARY GROOVES AT 10000 RPM: (A) CLEARANCE; (B)

PRESSURE
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FIGURE 5: BEARING PRESSURE DISTRIBUTION IN THE
THREE-DIMENSIONAL VIEW FOR THE FRONT BEARING WITH
STATIONARY GROOVES AT 10000 RPM

3.3 Rotor Dynamics Model

The rotor simulation FE model is shown in Fig. 6. The FE
model was built using the Timoshenko beam finite elements that
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were used for the shaft discretization, and the attached equipment
(i.e., fan) is modeled with lumped mass-inertia elements (blue
circles in Fig. 6). The left and right sides in the figure correspond
to the front and rear bearings respectively. A red arrow in the
figure represents the applied unbalance.

The created FE rotor dynamics model corresponds to the
parameters presented in the publication [30]. Note that loads
acting on the rotor were applied differently than [30]. The
residual unbalance value was applied to the impeller
(corresponding node), and the full gravity load was applied as a
static part. At the same time, the paper [30] considers the
unbalance distributed between the bearing locations and the
inclined rotor mounting (therefore, a partial value of the gravity
load is accounted for).
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FIGURE 6: ROTOR FINITE-ELEMENT MODEL

Table 2 shows the whole parameter set used in the
calculations for the rotor model.

TABLE 2: ROTOR PARAMETERS

Parameter Value Units
Rotor length 55.78 mm
Rotor mass 0.0271 kg
Diametral moment of inertia 7.782e-6 kg m?
Polar moment of inertia 6.07e-7 kg m?
Bearing span 25.78 mm
Unbalance value 0.01 gmm
Unbalance location Impeller -
Gravity acceleration in the Y direction -9.81 m/s?
FE number 17 -

FE type Timoshenko beam

Before conducting the nonlinear analyses, the rotor’s free-
free critical speeds were calculated to find the first flexible mode
and check if the corresponding critical speed could be in the
considered rotational speed range. Fig. 7 shows the free-free
Campbell diagram and the first flexible forward whirl mode
shape. Neither first backward nor forward whirl critical speeds
lie in the rotational speed range between 10000 rpm and
200000 rpm, which is intended to be taken for calculations.

This can also be concluded by observing the critical speed
map for the variable bearing stiffness shown in Fig. 8. The only
two critical speed lines corresponding to the cylindrical and
conic rigid body modes lie in the rotational speed range between
10000 rpm and 200000 rpm. This allows for an expectation of
the rigid rotor response during nonlinear rotor dynamics
calculations within this rotational speed range.
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FIGURE 7: FREE-FREE CAMPBELL DIAGRAM AND FREE-
FREE FORWARD WHIRL MODE SHAPE CORRESPONDING TO
THE FIRST CRITICAL SPEED OF 584045 RPM
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FIGURE 8: CRITICAL SPEED MAP

3.4 Nonlinear Transient Analysis Settings

The nonlinear transient analyses were performed to get the
steady rotor response under the unbalance loading and initial
excitation in the ramped gravity load application, corresponding
to 0.1 of the total simulation time. The settings for analyses are
shown in Table 3.

TABLE 3: ANALYSIS SETTINGS

Parameter Value  Units
Time step amount™ 10000 -
Time step value le-5 S
Starting rotational speed 10000  rpm
Ending rotational speed 200000 rpm
Time step amount for gravity load ramp 1000 -
Time step amount for unbalance loadramp 0 -
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Note for the parameter ‘Time step amount’ from Table 3:
convergence studies were performed for finite element meshes
and various numbers of transient sub-steps. For some rotational
speeds, there was a need to calculate more time steps (50000 and
100000 steps).

Conclusions about the system’s stability were made based
on rotor trajectory over time and vibration amplitude analysis.
After the transition process takes some time, amplitudes should
be less or at least of the same order with bearing clearance and
not change over time.

4. RESULTS AND DISCUSSION

The results of the experimental investigation are presented
in the work [30] in the form of waterfall diagram plots which
indicate the increase of rotor vibrations due to possible instability
issues at a sub-synchronous frequency (0.4 multiplicity of the
rotor angular velocity), which has the critical impact on the rotor
operation for the rotational speed 56 000 rpm. Since these were
two obvious integral indicators in the experiment (and no
experimental orbit plots were presented), they were chosen to
validate the results of the rotating groove case.

The results of the nonlinear transient analysis are presented
in paragraphs 4.1 and 4.2 for cases with rotating (grooves on the
rotor) and non-rotating (grooves on the bearing shell) domains,
respectively.

It should be noted that the rotor mathematical model allows
deflections in the bearing locations higher than the bearing radial
clearance (eccentricity ratios higher than 1 are mathematically
possible). In these cases, the artificial 'springs’ are added to avoid
infinitesimal deflections. Some of the amplitude plots in the
following results can contain amplitudes higher than the bearing
clearance due to this fact. However, these cases should be
considered a definite instability with the rubbing of a shaft and a
bearing shell. The observations of rotor displacements higher
than the bearing clearance are unrelated to the physical process.

4.1 Stationary Grooves

The rotor arrangement with stationary grooves (the grooves
on the bearing shell) does not correspond to the design of the
experimental rig discussed in [30]; however, its consideration is
valuable for comparison purposes with the case of the rotating
groove. Suppose the results of calculations for the rotating
grooves show good correspondence to the experimental data. In
that case, this will allow comparing the calculation results for the
stationary and rotating groove cases and making conclusions
about the benefits of locating the grooves on the bearing shell or
the rotor.

Fig. 9 and Fig. 10 represent predicted trajectories of
vibrational motion over time and at different rotor speeds,
measured at front and rear bearings for the case when the groove
pattern is located on the stationary component (bearing), which
is non-rotating. The results presented in Fig. 9 correspond to the
front bearing, and Fig. 10 corresponds to the rear bearing.

The study indicates that the stable vibrational motion of the
system is observed up to the speed of 22 000 rpm. For the speed
range of 22 000 — 200 000 rpm, unstable behavior takes place.
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FIGURE 9. PREDICTED TRAJECTORIES FOR THE

STATIONARY GROOVE CASE CALCULATED AT DIFFERENT
ROTOR SPEEDS FOR THE FRONT BEARING: (A) 10 000 RPM;
(B) 20 000 RPM; (C) 22 000 RPM; (D) 24 000 RPM

6 © 2023 by ASME



o I W.pm 7, T
1.5 v
-0.2
1
044 -
0.5
0.6
0
-0.8 \
-1 . y -0.5
-1 ]
-1.2 ~ N
i I R LR
0 0.5 1 1.5 0 20 40 60 80 100
(A)
77, JIT iy
0 - |
-0.2
0.5
-0.44
0 9
-0.6 | I AM ﬂ
|
-0.54 | il
-0.8 h/ k ‘[ W\\M \J\\U\ﬂj\‘ M Wv\u[ 'HM‘/\(\\J“
~ A "
-1 = i iy, pm 1 i t T Lms]
0 0.5 1 0 20 40 60 80 100
(B)
77, T 7,
| \ 1) A
0 1
-0.2
-0.4
-0.6
-0.8
-1 -1
| | VATEY Rl I | e o %
0 0.5 1 0 20 40 60 80 100
©
3 T, pm 77, T |
|

\
|
¥}

2 /
/ L
-3
. . _ Uy, m ‘ . . ., ms
20 -1 0 1 2 3 0 20 40 60 80 100
(D)
FIGURE 10: PREDICTED TRAJECTORIES FOR THE

STATIONARY GROOVE CASE CALCULATED AT DIFFERENT
ROTOR SPEEDS FOR THE READ BEARING: (A) 10 000 RPM; (B)
20 000 RPM; (C) 22 000 RPM; (D) 24 000 RPM

The Waterfall plots calculated for the range of 10 000 —
200 000 rpm are presented in Fig. 11 (radial displacements are
measured at the front bearing).
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FIGURE 11: WATERFALL PLOTS FOR STATIONARY
GROOVE CASE: (A) 2D VIEW; (B) 3D VIEW

A rapid increase in amplitudes is observed at the rotational
speed of 22 000. Sub-synchronous vibrations occur at a whirl
frequency ratio (ratio between sub-synchronous and rotational
frequencies) of ~0.4. The synchronous amplitudes are relatively
small (with the applied unbalance value).
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The comparison of the results for the stationary groove case
with the rotating groove case, which is considered below in this
paper, shows a significant difference in stability threshold:
unstable motion takes place at a much lower operating speed for
the calculated results.

4.2 Rotating Grooves

Nonlinear transient analysis results for the case with rotating
grooves are presented in Fig. 12—-16. Fig.12-15 show
calculated trajectories of rotor vibrational motion over time and
at different rotation speeds, measured at the front and rear
bearings. Fig. 16 represents the Waterfall plot for the case with
rotating grooves.

In cases where rotating grooves (on a rotor) are considered,
amplitudes grow at 30 000 rpm up to 70 000 rpm, where sub-
synchronous vibrations appear. The whirl frequency ratio for the
sub-synchronous vibrations detected when rotating grooves were
considered is the same as for the stationary groove case
(approximately ~0.4). The synchronous amplitudes due to the
considered unbalance value are relatively small within the whole
range of analysis rotor speed.

The obvious increase of vibrational amplitudes occurs in the
range from 40 000 rpm to 70 000 rpm with a sharp peak near
55000 rpm at 0.4 multiplicity of the rotor angular velocity,
which indicates the instability issue and corresponds to the
experiment [30] where the instability issue is indicated at 56 000
rpm.

During the experiment, the system was shut down at 56 000
rpm to prevent the further increase of amplitudes, however, the
calculations presented below for the rotating groove case
indicate that the further growth of the rotational speed will result
in the decrease of vibrational amplitudes.

Unlike the results of simulations performed for stationary
grooves, which do not correspond to the actual system
considered in the experiment but are still valuable for
comparison purposes, in the case of rotating grooves, the results
are in good agreement with the experiment [30]. This is
particularly evident regarding the minimum rotational speed at
which the system may lose stability (approximately 55 000 rpm),
where the increase in vibrations observed in the experiment can
be attributed to the loss of stability. However, another effect has
been detected based on the simulation considering rotating
grooves: the system became stable again at the rotating speed of
~70 000 rpm up to 190 000 rpm. This is demonstrated in the
Waterfall diagram in Fig. 16. Such an effect was not captured in
the analysis with stationary grooves (grooves on the bearing
shell).
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FIGURE 12: PREDICTED TRAJECTORIES FOR THE

ROTATING GROOVE CASE CALCULATED AT DIFFERENT

ROTOR SPEEDS FOR THE FRONT BEARING: (A) 20 000 RPM;
(B) 40 000 RPM; (C) 60 000 RPM; (D) 100 000 RPM
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FIGURE 13: PREDICTED TRAJECTORIES FOR THE
ROTATING GROOVE CASE CALCULATED AT DIFFERENT
ROTOR SPEEDS FOR THE REAR BEARING: (A) 20 000 RPM; (B)
40 000 RPM; (C) 60 000 RPM; (D) 100 000 RPM
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FIGURE 14: PREDICTED TRAJECTORIES FOR THE
ROTATING GROOVE CASE CALCULATED AT ROTOR SPEEDS
FOR THE FRONT BEARING: (A) 190 000 RPM; (B) 200 000 RPM
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FIGURE 15: PREDICTED TRAJECTORIES FOR THE

ROTATING GROOVE CASE CALCULATED AT ROTOR SPEEDS
FOR THE REAR BEARING: (A) 190 000 RPM; (B) 200 000 RPM
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FIGURE 16: WATERFALL PLOTS OF THE RADIAL
DISPLACEMENT (MEASURED AT THE FRONT BEARING),
CALCULATED IN THE RANGE OF 10 000 RPM — 200 000 RPM
FOR ROTATING GROOVE CASE: (A) 2D VIEW; (B) 3D VIEW

CONCLUSION

An approach to determine the stability of the rotor in
herringbone groove gas journal bearings (HGGJB) based on the
nonlinear transient analysis has been proposed in this study. The
submitted approach allows consideration of rotating (on a rotor)
or stationary (on a bearing shell) grooves which is necessary to
simulate the physical behavior of the rotor-HGGJB system.
Another advantage of the approach is using the FE method,
which accurately describes the bearing geometrical model,
allows building detailed plots of bearing parameters, and has no
limitations even for a small number of grooves of HGGJBs.

An investigation of the nonlinear response and stability for
the system of a rotor supported by HGGJBs has been performed
for the cases with grooves on stationary components (bearing
shells) and with grooves on a rotor (rotating grooves).

It was shown that rotating grooves for rotor-HGGJB
application provide much better stability than the case with
stationary grooves.

The performed study of the rotor-HGGJB application and
comparison between the stationary and rotating groove cases
confirms the significant influence of rotating grooves on the
stability of the system (and threshold speeds). It was shown that
the obtained results are in good agreement with experimental
measurements [30] for the case which corresponds to the
physical system — when rotating grooves are considered. The
predicted region with the increased vibration amplitudes for the
rotating groove case is between 40 000 rpm and 70 000 rpm,
with a sharp peak at 55000 rpm that indicates the unstable
behavior of the system. This is in agreement with experimental
measurements. The considered physical system also obtained an
additional effect of decreased vibrations at speeds higher than 70
000 rpm.

These investigations for the rotating groove case indicate
that although some instability issues may occur at sub-
synchronous frequencies, they can be successfully overcome if
the bearing clearance and vibration limits are not violated at the
low-speed regions with the increased amplitudes of vibration.
These observations are possible due to the careful analysis of
orbit plots in the bearing locations for different rotational speeds.

For the stationary groove case though, the vibration
amplitudes violate the bearing clearance at low rotational speeds
(approximately 22 000 rpm) proving the lower effectiveness of
locating the grooves on the bearing shell.

The approach presented in this article is a combination of
proven methods and solutions for nonlinear analysis of rotor-
HGGJB systems that possess good accuracy and can be used for
engineering purposes at the design stage of product
development, potentially, for a wide range of HGGJB designs
(including designs with a small number of grooves) and
operating parameters.

The study shows the importance of nonlinear rotor dynamics
calculations in a wide range of rotational speeds, in addition to
experimental investigations.
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